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A B S T R A C T
The paper presents a control-oriented modeling method for wet clutch friction, considering thermal
dynamics, with a focus on paper-based friction linings. Abrupt engagements of such clutches may
lead to discomfort and reduce the overall lifespan. The limitations of feedback control, attributed
to restricted sensors and modeling inaccuracies, underscore the effectiveness of model-based control
employing precise and invertible models. The study extensively explores the largest model uncertainty
in slip control—clutch friction. The proposed model integrates the Coulomb friction coefficient,
incorporating variables such as pressing force, friction speed, and the temperature of the friction
surface. The proposed torque model enables model inversion, allowing the determination of desired
oil pressure from torque requirements. Experimental data, comprising 184 sets, validate the model
accuracy, with a focus on temperature effects. The Coulomb friction coefficient model exhibits
exponential and linear components, capturing the Stribeck effect and temperature variations. Model
verification through experiments demonstrates good agreement, supporting its efficacy for wet clutch
control performance. The study contributes insights into wet clutch friction models for model-based
control.

1. Introduction
The clutch system serves to connect and disconnect two

rotating shafts. It finds application in engines, transmissions,
and differentials in vehicles, where clutches are frequently
engaged and disengaged during driving. In vehicles, dry
clutches are employed for manual transmission (MT), dual-
clutch transmission (DCT), and automated manual trans-
mission (AMT), while wet clutches are utilized for auto-
matic transmission (AT), continuously variable transmis-
sion (CVT), and limited-slip differentials (LSD). Due to
their superior heat resistance, wet clutches are preferred
in transmissions for high-performance vehicles or heavy
passenger cars requiring high torque capacity. An abrupt
engagement of the clutch may result in an engagement jerk,
causing inconvenience to the driver, and repeated incorrect
engagements can also reduce the clutch’s lifespan. The gear
shift in an AT is achieved through clutch-to-clutch shifts, and
model-based automatic control can enhance ride comfort by
mitigating shifting jerks [1, 2].

In the field of automatic control, feedback (FB) control
acquire more attention than feedforward (FF) control. How-
ever, the practical impact on control result may vary. In the
case of AT, achieving satisfactory slip control through FB
is challenging due to the rapid gear shift, limited sensors,
and the inherent nonlinearity of the system. Consequently,
control techniques actively incorporating precise and invert-
ible models prove more effective. Therefore, model-based
control utilizing the inverse of the system model becomes
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a suitable choice. Techniques such as the two degree-of-
freedom (2-DOF) controller, feedback linearization, slid-
ing mode control, and backstepping control are frequently
employed in controlling nonlinear systems [3]. The 2-DOF
controller is particularly apt when a precise system model is
available, as in this study [4].

The largest model uncertainty in slip control of wet
clutches arises from clutch friction. After Coulomb [5] pro-
posed the concept of the friction coefficient, a dominant fac-
tor in the clutch engagement process, research results show
that it is affected by various variables such as the pressing
force, the temperature of the friction surface, and the friction
speed. Numerous studies, including those using finite ele-
ment methods (FEM), have focused on modeling clutch fric-
tion. For instance, Berger et al. [6] considered film dynamics
with factors like applied load, friction material permeabil-
ity, and radial groove dimensions. Other studies explored
tribological modeling, incorporating hydrodynamic pres-
sure, heat transfer, and film thickness dynamics [7]. Clutch
torque modeling studies considered film thickness dynamics,
friction lining permeability, and interface temperature [8].
Holgerson and Lundberg [9, 10] investigated the transition of
engagement behavior concerning drive torque and changes
in static and kinetic friction coefficients at different initial
temperatures. Contact and wear characteristics of a typical
paper-based friction materials were made by observation
using contact microscopy [11].

Existing research has mainly focused on two friction
materials: paper-based materials [7, 9, 10, 12, 13, 14, 15]
generally used in AT clutches and a brass materials [16, 17,
18, 19, 20] used in limited-slip differentials. The friction and
wear characteristics of these two kinds of friction materials
under dry conditions were investigated [21]. This study
specifically addresses paper-based friction lining. Automatic
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transmission fluid (ATF) satisfying the SAE 75W standard
serves as coolant, lubrication, and piston pressure oil in ATs
(see SAEJ311 for more information).

Control-oriented modeling of wet clutch systems re-
quires lumped element models and static maps for straight-
forward friction calculations. Prior studies have explored
control-oriented modeling of friction coefficients for brass
and dry friction materials [22, 23]. Notably, the study by Wu
et al. [24] analyzed the integrated friction coefficient, consid-
ering pressing force, friction speed, and oil temperature for
paper-based friction materials. However, the study analyzed
the integrated friction coefficient in which viscous friction
was not separated in the friction coefficient calculation and
used the oil temperature as a variable, not the friction surface
temperature. Research on the anti-shudder property [20],
and a study on constructing a heat transfer model for the
same experimental set-up [16] have been conducted. There
was a fundamental study on the friction coefficient using
a simplified pin-on-disk experiment [17]. Ivanović et al.
[18, 19] studied the transition of the friction coefficient and a
method of estimating the surface temperature using the heat
transfer equation, and they developed a model that simulates
the parameters of the actual clutch system using a lumped-
parameter model.

Another significant element of modeling for FF control
is model inversion. The solution for most control problems is
finding the control input for achieving the desired reference
value. In FF control, the inverse function of the model is
often used to calculate the desired system input.

Friction coefficient static maps assume variation based
on the current value of each variables, while dynamic mod-
els consider variables’ differentials, such as the change in
pressing force. Each has its advantages and disadvantages,
with dynamic models often requiring more characteristic
values and extensive research on the target clutch, but the
results are in good agreement with the model and experi-
mental results. Static maps, while simpler, may not fit certain
conditions; nevertheless, they have shown efficacy at high-
pressure changes and speeds [25].

Research has sought to enhance automatic transmission
control by applying friction coefficient models. Temperature-
induced changes in the Coulomb friction coefficient, if
left uncompensated, can significantly reduce control per-
formance [20]. Efforts to extend clutch life have also been
explored by analyzing clutch friction characteristics [2].
They used a simple qualitative technique of ramping down
the pressure on the clutch at a specific time to achieve a
smooth engagement and prevent excessive clutch tempera-
ture increase. However, in order to obtain satisfactory control
performance, a more systematic and quantitative approach
than simple techniques was required for the friction model
considering temperature dynamics.

This study aims to contribute to the limited body of
knowledge on wet clutch friction models usable for model-
based control, particularly for paper-based friction linings
considering temperature effects. The proposed friction model
enables model inversion using a reduced-order model and

a static map for control-oriented modeling. Based on the
experimental data, a friction model considering the friction
surface temperature for clutches with paper-based friction
lining material was proposed and validated through experi-
ments. Notably, the Coulomb friction coefficient depends on
the temperature of the friction surface, and estimating this
temperature involves considering heat transfer dynamics.

This paper is written with the following structure. Sec-
tion 2 first describes the reduced-order models used in the
study, including thermal dynamics, oil film thickness, and
the clutch torque model. Section 3 details the design and
configuration of the experimental equipment, the sensors
used, the experiment for modeling, the results, and the de-
velopment of the control-oriented friction modeling method
based on these results. Section 4 presents a gear shift control
example employing the proposed clutch torque and friction
model. Finally, Section 5 concludes the paper.

2. Modeling
Prior to modeling the clutch friction torque, the auto-

matic transmission system and gear shifting process will be
explained to establish assumptions. The AT is a sophisti-
cated system comprising a torque converter, planetary gear
sets, clutches (brakes), pistons, and variable force solenoids
(VFS). Combinations of clutches determine the gear ratio
of the planetary gear sets, and the torque generated from
the engine and torque converter is transmitted to the output
shaft through the gear sets. Figure 1 illustrates the reduced-
order schematic graph during the shift from the first to the
second gear in an 8-speed automatic transmission. This gear
shift involves two planetary gear sets and two brakes in the
planet carrier and the second sun gear. Each engagement of
the brakes corresponds to the first and second gears. In the
figure and model, planetary gear sets, shafts, and clutches
not involved in shifting from the first to the second are
omitted and compressed into a single equivalent inertia and
gear ratio 𝛾𝑖𝑛. The reduced-order system comprises a total
of 5 DOF: engine and torque converter pump 𝐼𝐸 , torque
converter turbine and front part of planetary gear sets 𝐼𝑒𝑞0,
brake 1 𝐼𝑒𝑞1, brake 2 𝐼𝑒𝑞2 and vehicle mass 𝐼𝑉 . If only
the rear part of the torque converter is considered, it has 3
DOF. The transmission and tire have separate DOF due to a
compliance model representing the torsion of the drive shaft
that connects them.

The wet multi-plate clutch system operates with a hy-
draulic actuator, and the cross-section schematic diagram is
depicted in the Fig. 2. Working fluid from the VFS enters the
pressure chamber, pushing the piston to bring the multi-plate
clutches into contact, resulting in friction. The higher the
pressure in the chamber, the more the piston compresses the
clutches, generating a greater friction torque. A simplified
schematic diagram is drawn in Fig. 3. When pressure is
relieved in the pressure chamber, the spring returns the
piston to its original position. The inner and outer shafts are
illustrated, and the role of the clutch is to transmit torque
between the two shafts.
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Figure 1: Schematic diagram of shifting from 1st to 2nd gear of an automatic transmission.
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Figure 2: Schematic diagram of a multi-plate clutch (brake)
system.
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Figure 3: Simplified schematic diagram of a multi-plate clutch
(brake) system.

2.1. Gear shift procedure
A graph depicting the major variables in a typical gear

up-shift is presented in Fig. 4. The clutch-to-clutch gear shift
generally comprises two phases: a torque phase that transfers
the torque from the clutch engaged in the previous gear to
the clutch responsible for the next gear, and an inertia phase
that smoothly engages the clutch by adjusting the engine
speed through precise control of engine torque and clutch
torque. In the torque phase, the off-going clutch finally loses
all pressure and does not participate in the inertia phase (i.e.,
𝑇𝐵1 = 0). Precise control is required for the on-coming
clutch, necessitating accurate and continuous pressure con-
trol to ensure smooth gear shifting in the inertia phase. When
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Figure 4: Graphs of major variables in a typical gear up-shift.

shifting gears in a heavy vehicle with a powerful engine,
the clutch generates significant heat, causing a rise in the
temperature of the friction surface. As temperature is a major
variable affecting the Coulomb friction coefficient, it should
be considered in control strategies.

Smooth shifting is attained by precisely managing the
on-coming clutch pressure during the inertia phase. Since
the on-coming clutch is already pressurized in the torque
phase before entering the inertia phase, it can be assumed
that the oil film dynamics in the inertia phase are at a steady-
state. The simplified film thickness model using the steady-
state assumption is discussed in detail in section 2.5.
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Figure 5: Dynamic viscosity 𝜇𝑣 of ATF.

2.2. Thermal dynamics
Using FEM for real-time surface temperature estimation

is not preferred in control-oriented modeling. Straightfor-
ward models are necessary for such purposes. The heat
balance equation is effective in estimating the clutch friction
surface temperature within an acceptable margin of error.
Given that the clutch separator and core disk are typically
constructed from thin steel, known for its excellent heat
conductivity, assuming a uniform temperature distribution
in the separator is reasonable. In the case of a single-sided
clutch, it can be further assumed that the separator and
lining share the same temperature [8]. Consequently, treating
the entire clutch pack as a lumped mass with a uniform
temperature distribution is a valid approximation.

The zero-dimentional heat balance equation for the
clutch pack can be written as:

{(𝑚𝑐𝑝)𝑙𝑖𝑛𝑖𝑛𝑔 + (𝑚𝑐𝑝)𝑠𝑒𝑝𝑎𝑟𝑎𝑡𝑜𝑟}𝑁𝑐 �̇�

= 𝑇Δ𝜔 − 𝑘1(𝜃 − 𝜃𝑜𝑖𝑙) − 𝑘2(𝜃 − 𝜃ℎ𝑜𝑢𝑠𝑖𝑛𝑔), (1)
where 𝑚 and 𝑐𝑝 are the mass and specific heat capacity of
the friction lining and separator plate, 𝑇 is the wet clutch
torque, Δ𝜔 is a slip speed of a clutch, 𝑘1 and 𝑘2 are the
generalized thermal conductivity of convection from the
clutch pack to the cooling oil and conduction to the housing,
respectively. The term 𝜃, 𝜃𝑜𝑖𝑙 and 𝜃ℎ𝑜𝑢𝑠𝑖𝑛𝑔 are the temperature
of the clutch pack, oil reservoir and the temperature of the
structures in direct contact with the clutches. In general, the
two temperatures are the same in an actual transmission, but
in this research, they differed due to structural limitations
and were measured for analysis. The thermal conductivity
𝑘1 and 𝑘2 were identified experimentally in the next section.

For more accurate temperature estimation of the clutch
system, see: detailed modeling considering the heat transfer
and fluid hydrodynamics of an AT multi-disk wet clutch [8];
clutch temperature estimation using the heat transfer model
of an automated manual transmission (AMT) of a heavy-
duty truck [26].
2.3. Dynamic viscosity

The dynamic viscosity 𝜇𝑣 of ATF is a function of tem-
perature. Its value is denoted by + and was fitted as the sum

of two exponential functions as shown in Fig. 5. The specific
values vary from manufacturer to manufacturer.

𝜇𝑣(𝜃) = 𝜇𝑣1𝑒
𝜇𝑣2𝜃 + 𝜇𝑣3𝑒

𝜇𝑣4𝜃 , (2)
where 𝜇𝑣1 to 𝜇𝑣4 are dynamic viscosity parameters.
2.4. Clutch torque model

The effective radius and mean slip speed of the clutch
are given by:

𝑅𝑒𝑓𝑓 = 2
3
𝑅3
𝑜 − 𝑅3

𝑖

𝑅2
𝑜 − 𝑅2

𝑖

, (3)

𝑣 = 𝑅𝑒𝑓𝑓Δ𝜔, (4)
where 𝑅𝑒𝑓𝑓 is a torque effective radius of the clutch, 𝑅𝑜 and
𝑅𝑖 are the outer and inner radii of the clutch disk, and Δ𝜔 is
the clutch rotational slip speed. Wet clutch torque 𝑇 consists
of Coulomb friction torque 𝑇𝑐 and viscous torque 𝑇𝑣:

𝑇 = 𝑇𝑐 + 𝑇𝑣, (5)

𝑇𝑐(𝑣, 𝜃, 𝐹𝑐) = 𝑅𝑒𝑓𝑓𝑁𝑐𝜇𝑓 (𝑣, 𝜃)𝐹𝑐 , (6)

𝑇𝑣(𝑣, 𝜃, ℎ̄) = 𝑅𝑒𝑓𝑓𝑁𝑐𝜇𝑣(𝜃)𝐴𝑓
𝑣
ℎ̄
, (7)

where 𝜃 is the mean temperature of the friction surfaces of
the clutches,𝑁𝑐 is the number of friction pairs, 𝜇𝑓 and 𝜇𝑣 are
the Coulomb friction coefficient and dynamic viscosity of
the oil respectively, 𝐹𝑐 is the normal force, 𝐴𝑓 is the nominal
contact area of the lining material, and ℎ̄ is the average fluid
film thickness. From (5, 6, 7), we have

𝑇 (𝑣, 𝜃, 𝐹𝑐 , ℎ̄) = 𝑅𝑒𝑓𝑓𝑁𝑐
(

𝜇𝑓 (𝑣, 𝜃)𝐹𝑐

+ 𝜇𝑣(𝜃)𝐴𝑓
𝑣
ℎ̄
)

. (8)

2.5. Film thickness model
For Gaussian distribution of asperity heights, the average

fluid film thickness ℎ̄ has the following relation [27] with the
nominal separation of the clutches ℎ:

ℎ̄ = ℎ
2

[

1 + erf

(

ℎ
√

2𝜎

)]

+ 𝜎
√

2𝜋
𝑒
−
(

ℎ
√

2𝜎

)2

. (9)

The normal force applied to the clutches 𝐹𝑎𝑝𝑝 consists of
two parts: the reaction force caused by the deformation of
the friction lining material 𝐹𝑐 , and the hydrodynamic force
that squeezes out the fluid between the clutches 𝐹ℎ.

𝐹𝑎𝑝𝑝 = 𝐹𝑐 + 𝐹ℎ = ∬𝐴𝑓

𝑝𝑐𝑑𝐴𝑓 +∬𝐴𝑓

𝑝ℎ𝑑𝐴𝑓 . (10)
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where 𝑝𝑐 is an asperity pressure and 𝑝ℎ is a hydrodynamic
pressure.

The mean asperity pressure is given by the ratio of the
real contact area 𝐴𝑐 to 𝐴𝑓 [28]:

𝑝𝑐 = 𝐸
𝐴𝑐
𝐴𝑓

, (11)
where 𝐸 is Young’s modulus of the friction lining material.
According to Greenwood and Williamson [29], 𝐴𝑐 for Gaus-
sian distribution of asperity heights is calculated as

𝐴𝑐 = 𝜋𝑁𝐴𝑓𝛽𝜎𝐹1(
ℎ
𝜎
), (12)

𝐹𝑛

(ℎ
𝜎

)

= 1
√

2𝜋 ∫

∞

ℎ
𝜎

(

𝑠 − ℎ
𝜎

)𝑛
𝑒−

1
2 𝑠

2
𝑑𝑠, (13)

where 𝑁 , 𝛽, and 𝜎 is, respectively, asperity density, asperity
tip radius, and RMS roughness. For 𝑛 = 1,

𝐹1

(ℎ
𝜎

)

= 1
√

2𝜋 ∫

∞

ℎ
𝜎

(

𝑠 − ℎ
𝜎

)

𝑒−
1
2 𝑠

2
𝑑𝑠

= 1
√

2𝜋

⎡

⎢

⎢

⎣

𝑒
−
(

ℎ
√

2𝜎

)2

− ℎ
𝜎

√

𝜋
2
erfc

(

ℎ
√

2𝜎

)

⎤

⎥

⎥

⎦

,

(14)
where erfc means complementary error function. From (11,
12, 14), we get

𝑝𝑐(ℎ) =
√

𝜋
2
𝐸𝑁𝛽𝜎

⎡

⎢

⎢

⎣

𝑒
−
(

ℎ
√

2𝜎

)2

− ℎ
𝜎

√

𝜋
2
erfc

(

ℎ
√

2𝜎

)

⎤

⎥

⎥

⎦

.

(15)
Many studies dealing with oil film dynamics show that

the equivalent first-order system has a time constant of 0.05
to 0.1 s. As mentioned, when a steady-state such as the
inertia phase of the gear shift is reached, the reaction force
by the fluid pressure is zero, and the mean asperity pressure
𝑝𝑐 causes the only reaction force. Then (10) becomes,

𝐹𝑎𝑝𝑝 = ∬𝐴𝑓

𝑝𝑐𝑑𝐴𝑓 = 𝑝𝑐𝐴𝑓 = 𝐹𝑐 . (16)

Now we can calculate the average film thickness ℎ̄ from
the measured force 𝐹𝑎𝑝𝑝 of the load cell (6 of Fig 7.) by (15)
and (16). It is useful to use pre-calculated array data of the
(15) and interpolate it to get the inverse value, ℎ̄(𝑝𝑐), of the
equation which is a monotonic function.

For control-oriented modeling, the system output should
be a function of the system input. In a clutch system, oil
pressure and clutch torque are inputs and outputs. Clutch
friction torque consists of Coulomb friction and viscous
friction. Each can be calculated with the proposed reduced-
order model, and finally, the clutch torque that is the sum of
the two can be obtained. Another thing to consider is that
the model is a monotonic function, so model inversion is
possible, so the desired oil pressure can be obtained from
the desired torque.

Figure 6: Overview of the test bench.

3. Experimental work
3.1. Experimental environment

As illustrated in Fig. 6, the experimental equipment
mainly consists of motor 2, torque sensor 3, test rig 5,
load cell 6, and linear actuator 7. The motor controls the
rotational speed of the entire rotating body, including the
inertia 1, so the desired speed is maintained. In this study,
we used a hybrid vehicle motor with a maximum power of
32 kW and a maximum torque of 120 Nm. To get the desired
rotational speed, the torque capacity of the motor and the
motor controller need to cover the clutch torque range to be
tested.

The motor torque passes through the gear 4, a torque
amplifier, and reaches the clutches 14 and 15, where the
braking torque by the linear actuator takes place. The cross-
section of the test rig is illustrated in Fig. 7: a rotary encoder
8 that measures the rotational speed of the input shaft 10;
a piston 9 that transmits the pressing force of the linear
actuator; an outer guide 11, which is coupled to the outer-
toothed clutches 15 and fixed to the housing and an inner-
guide 12, which is coupled with the inner-toothed clutches
14 and fixed with the input shaft; and protection plates 13
and 16 are presented. Inner and outer guides were machined
to give the clutches a DOF along the axial direction. Oil
flows into the rig through an inlet, passes between the gaps
and the clutch grooves, cools the clutch, and exits through
the outlet to reach the reservoir. As the outlet is higher than
the inlet, the rig is filled with oil.

Actual photos of the clutch are shown in Fig. 8. Their
radii and thicknesses are given in Table 1. The outer-toothed
clutches were fixed to the housing via an outer guide, so
thermistors were inserted while the rotating inner-toothed
clutches were not. The thermistor was inserted into the
middle of the radial width of the clutch. The gap between the
hole and the thermistor was filled with liquid metal thermal
paste with thermal conductivity of 73 W/mK. Its opening
was sealed with epoxy. Since the thickness of the clutch is
thin enough and the thermal conductivity of steel is high, we
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Figure 7: Cross-section of the test rig.

(a) (b)

(c)
Figure 8: Single-sided clutches. (a) Outer-toothed clutch disk.
(b) Inner-toothed clutch disk. (c) Thermistor implementation
through side hole.

assumed that the thermistor measures the temperature of the
friction surface. Its uncertainty is 1 percent.

Clutch torque is significantly affected by the friction sur-
face temperature, which constantly changes and usually rises
during slip. In Coulomb friction coefficient modeling, the
temperature of the surface is the major variable. Only after
compensating for temperature effects could the influence of
other variables such as slip speed and pressure be analyzed.
Without considering temperature, it may show a different
torque response despite the other conditions being the same.

Table 1
System parameters.

Time constant of hydraulic system, 𝜏 0.06 s
Solenoid valve gain, 𝐾 2300 Pa/mA
Piston pressure area, 𝐴𝑝 4981 mm2

Friction lining area, 𝐴𝑓 4053 mm2

Return spring force, 𝐹𝑠 593.3 N
Number of clutches, 𝑁𝑐 8
Generalized thermal conductivity by convection, 𝑘1 122.2 W/K
Generalized thermal conductivity by conduction, 𝑘2 39.94 W/K
Clutch effective radius, 𝑅𝑒𝑓𝑓 0.07758 m
Clutch outer radius, 𝑅𝑜 0.08315 m
Clutch inner radius, 𝑅𝑖 0.07174 m
Separator thickness 1.67 mm
Friction lining thickness 0.40 mm
Young’s modulus for friction lining, 𝐸 10 × 106 Pa
Asperity tip radius, 𝛽 5 × 10−4 m
RMS roughness, 𝜎 6 × 10−6 m
Friction coefficient parameter 1, 𝜇1 0.1164
Friction coefficient parameter 2, 𝜇2 0.09562
Friction coefficient parameter 3, 𝜇3 0.5205
Stribeck speed, 𝑣𝑠 0.02424 m/s
Temperature normalization parameter 1, 𝜃1 40 °C
Temperature normalization parameter 2, 𝜃2 70 °C
Dynamic viscosity parameter 1, 𝜇𝑣1 150.2 mPa⋅s
Dynamic viscosity parameter 2, 𝜇𝑣2 -0.07838 K−1

Dynamic viscosity parameter 3, 𝜇𝑣3 58.15 mPa⋅s
Dynamic viscosity parameter 4, 𝜇𝑣4 -0.02184 K−1

For a simple example, when the clutch slip speed is alter-
nately a positive ramp and a negative ramp where constant
pressure is applied, the transmitted torque may be different
even at the same slip speed because the temperature keeps
changing. In the end, the relationship between slip speed
and torque may have a hysteresis characteristic or is a path
function, but it is the result of friction surface temperature
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Table 2
Experimental parameters.

Applied normal force Initial slip speed Loading period Initial temperature
N (kPa) rpm (m/s) sec °C

903.0 (222.8) 100 (0.8124) 5 10
1076 (265.4) 200 (1.625) 10 20
1350 (333.1) 300 (2.437) ...
1613 (397.9) 90

100
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Figure 9: Experimental recordings for parameter identification.

fluctuation. Mäki et al. [20], a study on a brass lining, also
emphasized the importance of temperature compensation.

The temperature of the friction surface, rather than the
oil reservoir temperature, is a variable in the Coulomb fric-
tion coefficient. In this study, the temperature of the friction
surface could be measured with the thermistor inserted into
the clutch separator plates, which enabled more precise
modeling.
3.2. Experimental data

We performed a total of 184 experimental sets of all
the combinations shown in Table 2. As the temperature
decreases, the magnitude of the viscous friction increases
exponentially. To prevent potential surpassing of the motor
torque capacity due to this increase, only a pressing force of
903 N was utilized for initial temperatures of 30 °C or lower.
Specifically, initial slip speeds of 100 rpm and 200 rpm were
tested at an initial temperature of 10 °C. Throughout all
experiments, the oil flow rate was consistently maintained
at 10 L/min.

Fig. 9 illustrates the data from a single experiment.
During the experiment, the pressing force remained constant
from the start to the end of rotation to uphold a steady-
state fluid film thickness. The desired slip speed rapidly
increased to 300 rpm from zero, held for 10 seconds, and
then uniformly decreased over the next 20 seconds. The
motor current was switched off when the rotation speed
reached zero or less.

In Fig. 9, the period from 4 seconds to 14 seconds, where
the rotation speed is kept constant, represents a loading

Figure 10: Clutch temperature vs. slip speed with load equal
to 903.0 N during experiments.

period. This phase aims to introduce variations in the clutch
surface temperature while keeping other variables constant,
allowing for an analysis of individual torque influences.
Following this, the clutch surface temperature depends on
the balance between frictional heat generation and heat
dissipation. Across all experiments, the ramp-down period
remained constant at 20 seconds. The specific parameters for
the experiment in Fig. 9 are a pressure of 333.1 kPa, an initial
slip speed of 300 rpm, a loading period of 10 seconds, and
an initial temperature of 90 °C.

Fig. 10 displays records of slip speed and temperature,
where the blue dots and arrows specifically highlight the
experiment detailed in Fig. 9. Commencing from the initial
temperature and speed (dot A), the temperature undergoes
an increase (arrow a) while maintaining the rotational speed
throughout the loading period. Subsequently, the rotational
speed experiences a ramp-down (curved arrow b) until the
final engagement (dot C).

Using (8), the Coulomb friction coefficient is calculated
as:

𝜇𝑓 =
𝑇 − 𝑇𝑣

𝑅𝑒𝑓𝑓𝑁𝑐𝐹𝑐

=
𝑇 − 𝑅𝑒𝑓𝑓𝑁𝑐𝜇𝑣(𝜃)𝐴𝑓𝑣∕ℎ(𝐹𝑐)

𝑅𝑒𝑓𝑓𝑁𝑐𝐹𝑐
.

(17)

𝑇 , 𝑣, 𝐹𝑎𝑝𝑝 and 𝜃 are measured values from the experiment,
and other constants and variables are detailed in Table 1.
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Figure 11: Experiment results. (a) 𝜇𝑓 to slip speed Δ𝜔. (b) 𝜇𝑓 to temperature 𝜃. (c) 3D plot of 𝜇𝑓 vs. slip speed Δ𝜔 and
temperature 𝜃.

Figure 12: Calculated Coulomb friction coefficient 𝜇𝑓 .

Calculated results are then presented in Fig. 11 as functions
of slip speed and temperature. In Fig. 11a, there may ap-
pear to be an increase in the Coulomb friction coefficient
with slip speed above 20 rpm. However, this increase is
attributed to temperature variation. When compared at the
same temperature, the friction speed exhibits an insignifi-
cant effect on the Coulomb friction coefficient beyond 20
rpm or 0.16 m/s. This also supports the necessity for the
Coulomb friction coefficient model to incorporate a term
addressing temperature, especially since it maintains a flat
shape after a certain speed, suggesting the appropriateness
of an exponential function for frictional speed. In Fig. 11b,
the temperature’s effect yields a linear result within the
experimental range. Notably, the normal force shows no
discernible effect, aligning with the findings of [17] for brass
material.

For clearer graphical representation, Fig. 12 organizes
the data into a uniformly spaced grid with intervals of 5 rpm
and 5 °C, creating a surface with the average value within
each grid. At low frictional speeds, there is an exponential
increase, while at speeds exceeding 20 rpm (0.16 m/s), the
Coulomb friction coefficient shows independent result to the
slip speed. Within the experimental range, the temperature’s
effect could be described as linear.
3.3. Coulomb friction coefficient model

Based on the experimental results, the Coulomb friction
coefficient model structure was constructed as follows:

𝜇𝑓 (𝑣, 𝜃) =
(

𝜇1 +
(

𝜇2 − 𝜇1
)

𝑒−𝑣∕𝑣𝑠
)

⋅
(

1 + 𝜇3
𝜃 − 𝜃1
𝜃2

)

.

(18)

The first part for velocity is an exponential function, and
the second part for temperature is a linear function. The
exponential function related to speed is a representative
structure embodying the Stribeck effect in lubricated fric-
tion. Notably, the effect of temperature on the Coulomb
friction coefficient demonstrates linearity, as illustrated in
Fig. 11b. To account for the general operating tempera-
ture range of AT, which spans from 40 °C to 110 °C, the
temperature-related terms are normalized within this range.
The exponential term and the linear term exhibit a mul-
tiplicative relationship. This structural choice arises from
the simultaneous expansion of the Stribeck curve with an
increase in temperature, establishing a multiplicative, rather
than additive, relationship between these two terms.

The physical interpretations of the parameters are as
follows: 𝜇1 represents the Coulomb friction coefficient at 40
°C; 𝜇2 signifies the Coulomb friction coefficient at micro-
friction speed at 40 °C; 𝑣𝑠 denotes the Stribeck speed; 𝜇3serves as the linear regression coefficient for temperature;
and 𝜃1 and 𝜃2 are temperature normalization parameters.
Notably, the value of 𝜇2 − 𝜇1 varies significantly depending
on the type of oil, with the sign potentially differing as
well. In this study, the oil used yields a negative value, indi-
cating a descending curve for decreasing frictional speed.
Contrastingly, some studies have reported positive values
[10, 16, 20].

Considering speed, an exponential function was adopted.
In (18), the exponential term approaches zero for slip speeds
exceeding 12 rpm (0.097 m/s), which is four times the
Stribeck speed. Within the experimental scope, it can be
argued that the Coulomb friction coefficient remains unaf-
fected by a friction speed surpassing this value.

The Stribeck effect occurs in a micro slip speed range
(under 12 rpm and 0.097 m/s). This range is very narrow
compared to the entire modeled scope, and considering that
the Stribeck effect introduces nonlinearities to the model,
it can be argued that its absence might actually contribute
to enhancing the overall model accuracy. As the number
of parameters increases, the difficulty in identification also
rises. Nevertheless, despite these challenges, the modeling
of this small curve is essential. In clutch engagement control,
control performance is demanded to be higher as the slip
speed decreases. In other words, the friction model should
be most accurate just before the engagement. If the Stribeck
curve is not considered in the model, the actual frictional
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(a) Small stepwise changes in thermal energy input.
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(b) Large stepwise changes in thermal energy input.
Figure 13: Thermal conductivity identification experiment.

force may occur lower than predicted by the controller. This
could lead to an inability to engage at the targeted time,
allowing the friction speed to rise again, and vibrations may
occur. Furthermore, such vibrations could exacerbate the
stick-slip problem. Therefore, the Stribeck curve is neces-
sary in the control-oriented modeling of friction.

The coefficients were obtained by multiple linear regres-
sion on temperature and slip speed and are presented in Table
1. The coefficient of determination between the experimental
data Fig. 11c and the model plane (18) is 0.9858, and root-
mean-square-error (RMSE) of them is 0.002102.
3.4. Thermal conductivity identification

To identify the generalized thermal conductivities, ex-
periments were conducted to measure the temperature of
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Figure 14: Temperature estimation results in clutch engage-
ment.

each part while changing the thermal input. As shown in Fig.
13, the thermal input fluctuated by changing the rotational
slip speed Δ𝜔. In Fig. 13a, small and frequent stepwise
changes were made to the slip speed, and in Fig. 13b, a large
stepwise change was made to the slip speed. To identify
correct coefficients, the experiment was conducted much
longer than the time it takes to engage the clutch.

Equation (1) can be modified for multiple linear regres-
sion as follows:

𝑇Δ𝜔 − {(𝑚𝑐𝑝)𝑙𝑖𝑛𝑖𝑛𝑔 + (𝑚𝑐𝑝)𝑠𝑒𝑝𝑎𝑟𝑎𝑡𝑜𝑟}𝑁𝑐 �̇�

= 𝑘1(𝜃 − 𝜃𝑜𝑖𝑙) + 𝑘2(𝜃 − 𝜃ℎ𝑜𝑢𝑠𝑖𝑛𝑔). (19)
The left-hand side can be calculated from the measured
values, and 𝑘1 and 𝑘2 can be obtained by multiple linear
regression on the temperature differences.
3.5. Model verification and discussion

In order to verify the accuracy of the model, experiments
were conducted to simulate the clutch engagement using the
same equipment and plotted in Fig. 15. The experimental
procedure was designed to simulate clutch engagement over
1 second. Starting at an initial slip speed of 750 rpm, the
piston moves and compresses the clutch, creating friction
and eventually engaging the clutch. A step load of 1188
N (pressure of 293.1 kPa) was used for the pressing force.
The green line indicates the viscous torque calculated by
(7). Equation (6), (8) and (18) were used to calculate the
model torque 𝑇 and Coulomb friction torque 𝑇𝑐 , and are
displayed as blue and red lines, respectively. The estimated
clutch temperature was used in the calculation. In Fig. 15,
the clutches contact at 0.9 seconds. Before 0.9 s, the viscous
torque gradually increases as the nominal separation be-
tween the clutches narrows as the piston continues to move.
A pressing force develops with the contact, thus increasing
the clutch torque up to 180 Nm with increasing Coulomb
friction. The increase in torque reduces the clutch slip speed
and engages the clutch in 1.9 s.

The viscous torque is a function of the slip speed, tem-
perature, and normal force. At the beginning of the engage-
ment (0.9 s to 1.1 s in Fig. 15b), the slip speed is almost
unchanged, but the nominal clutch separation is rapidly
reduced, resulting in a significant increase in viscous torque
up to 54.6 Nm. During the clutch engagement, the viscous
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Figure 15: Experiment simulating clutch engagement for model verification (a) and its torque error plot (b).

torque decreases with the slip speed and finally converges
to zero. The proposed model has a straightforward structure
that can calculate the viscous torque with the pressing force
(i.e., the oil pressure).

In Fig. 15b, the model torque shows a good agreement
to the measurements with minor errors. Errors mainly arise
from model assumption errors. Before 1.2 s, as the pressing
force increases rapidly, the fluid film thickness changes
significantly, i.e., the fluid film dynamics are transient-state.
The maximum error occurs in this transient-state and is up to
28.9 Nm. After 1.2 s, the pressing force remains constant, the
steady-state assumption is satisfied, and the error decreases
to a maximum of 12 Nm. The RMSE in steady-state is 2.25
Nm, which is small enough for the model accuracy for clutch
control. In experiments using different initial slip speeds
of 250 rpm and 500 rpm, the RMSE in steady-state was
2.98 Nm and 3.03 Nm, respectively. The vibration of model
torque is mainly due to the load cell measurement noise.
Measurements fluctuate despite filtering and also affect the
torque model. Therefore, if the piston pressure, which is
the model input, is accurately known, the proposed method
provides an accurate wet clutch friction torque.

One of the causes of error is that the average of the
measured temperatures may differ from the actual average
temperature of the clutch surface. Temperature measurement
points were at the bottom of non-rotating outer-toothed
clutches, and the temperature may not be uniform for the fol-
lowing reasons: the piston pushes the clutch non-uniformly;
the coolant cools the clutches non-uniformly; and the value
measured by the thermistor has an error with the surface
temperature.

The clutch engages at 1.9 s in Fig. 15, but the motor
power is still on. Because the friction model cannot express

the friction force at zero velocity, there is a difference be-
tween the model and the measured torque after engaging.
The reason that the measured torque drops with slight vibra-
tion after the clutch engagement is the torsional stiffness of
the shaft from the inertia to the clutch.

In Fig. 14, the estimated temperature is plotted for com-
parison with the measured values. Temperature estimation
using simplified thermal dynamics makes it possible to
estimate the temperature of the clutch in real-time within
a small error range and use the temperature of the clutch
friction surface in the friction model.

The clutch system is a key component in altering the con-
nectivity of the vehicle powertrain. In a vehicle, clutches are
frequently disengaged and engaged while driving. Improper
control at the moment of clutch engagement can diminish the
lifespan of components and induce excessive jerk, thereby
causing discomfort to the driver. Issues related to clutch
engagement control predominantly arise from an elevation
in clutch surface temperature beyond acceptable limits, and
aside from solutions grounded in material or mechanical
engineering, control theories also offer a viable resolution
[30, 31]. A notable advantage of employing precision control
methods lies in the minimal or absent need for hardware
alterations. Additionally, model-based control is inherently
contingent upon the accuracy of the model, exerting a direct
influence on the outcomes of the control. Ultimately, the
objective of the control-oriented model proposed in this
paper is the enhancement of wet clutch control performance.

4. Concluding remarks
We presented a parametric analysis on the modeling of

wet clutch friction, specifically examining the influences of
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normal force, frictional speed, and temperature. Experimen-
tal equipment and procedures for the analysis were also pre-
sented. A reduced-order friction model for control-oriented
modeling was proposed and verified by experiments. The
steady-state assumption on oil film dynamics enables the
calculation of the clutch nominal separation and viscous
friction. A wet clutch with paper-based friction lining and
ATF were used in the experiments, with parameter ranges
spanning from 222.8 kPa to 397.9 kPa for pressure, 10 °C
to 110 °C for temperature, and 1 mm/s to 2.43 m/s for slip
speed.

The following conclusions can be drawn from our study:
• The Coulomb friction coefficient varies with slip speed

and surface temperature. Its relationship is exponential
with slip speed and linear with friction surface temper-
ature.

• The Coulomb friction coefficient of a wet clutch with
paper-based friction lining is not significantly affected by
the pressure.

• The temperature of the friction surface, rather than the oil
reservoir temperature, is a major variable in the Coulomb
friction coefficient. The temperature of the oil reservoir is
an indirect variable.

• Assuming a steady-state condition simplifies the film
thickness dynamics, and the simplified average film thick-
ness enables the calculation of viscous torque.

• Through assumptions, a control-oriented friction mod-
eling method and a simplified clutch torque model that
could improve gear shift control performance are pro-
posed.
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